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Abstract

A numerical simulation of a two-stage reciprocating compressor has replicated the operations of the compressor under

various conditions for the development of diagnostic features for predictive condition monitoring. The simulation involves

the development of a mathematical model of five different physical processes: speed–torque characteristics of an induction

motor, cylinder pressure variation, crankshaft rotational motion, flow characteristics through valves and vibration of the

valve plates. Modelling both valve leakage and valve spring deterioration has also been achieved. The simulation was

implemented in a MATLAB environment for an efficient numerical solution and ease of result presentation. For normal

operating conditions, the simulated results are in good agreement with the test results for cylinder pressure waveforms and

crankshaft instantaneous angular speed (IAS). It has been found that both the IAS fluctuation and pressure waveform are

sensitive detection features for compressor faults such as valve leakage and valve spring deterioration. However, IAS is

preferred because of its non-intrusive measurement nature. Further studies using the model and experiments are being

undertaken in order to develop fault detection features for compressor driving motors and transmission systems.

r 2007 Elsevier Ltd. All rights reserved.
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1. Introduction

Reciprocating compressors are one of the most popular machines in use in industry. The effective and
accurate diagnosis of possible faults which degrade compressor performances are required to help in both
reducing maintenance costs and increasing the plant efficiency. For these requirements, a large amount of
research work has been conducted with state of the art technologies in detecting and diagnosing various faults
in reciprocating compressors. Liang et al. [1] developed a procedure for the detection and diagnosis of valve
faults using vibration in the time domain, frequency domain and smoothed-pseudo-Wigner–Ville-distribution.
Gu et al. [2] studied automating the diagnosis of valve faults in reciprocating compressors. In 1984, Imaichi
et al. [3] studied vibration sources in reciprocating compressors and how to minimise vibration generation.
e front matter r 2007 Elsevier Ltd. All rights reserved.
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Daniel et al. [4] focused on vibration and dynamic pressure methods, including the P–V diagram, for fault
diagnosis and condition monitoring of reciprocating compressors. Elhaj et al. [5] developed a new method for
the monitoring and diagnosis of valve faults in reciprocating compressors using the features obtained from the
time domain, frequency domain and continuous wavelet transform of the airborne sound signals.

To develop more accurate fault detection methods, many investigations have been carried out on developing
mathematic models of compressors. Costagliola [6] developed the first mathematical model of a reciprocating
compressor. The main concern in this model was the dynamics of the valves. The modelled valves were reed
type and only one degree of freedom was presumed. Wambasganss [7] worked with a similar model, a high-
speed hermetically sealed compressor fitted with reed valves. As with Costagliola’s model, Wambasganss paid
special attention to the dynamics of the valves; however, several degrees of freedom were allowed. Manepatil
et al. [8] studied the modelling and computer simulation of reciprocating compressors with various faults
incorporated, as to determine the influence of the faults on performance parameters, using pressure signals to
detect and quantify the faults.

There are two significant advantages of employing a mathematical model and a simulation study.
One is that with their help less time and equipment are needed to obtain effective fault signatures,
especially for the faults, which cannot be induced to a real machine for test studies. The other one is that it
permits the researchers to examine the performance of different compressors over the same
operating conditions [9,10]. Because of these advantages, this study uses them to develop the detection
features for reciprocating compressors. In addition to studying the features from pressure measurement,
this paper also investigates crankshaft instantaneous angular speed (IAS) for fault detection. One of the
merits of IAS measurement is that it is non-intrusive, compared with the pressure measurement. IAS also has
less noise contamination and is more directly related to machine dynamics, compared with conventional
structural vibration and airborne acoustics. Therefore, it is easier to interpret IAS results and produce
more accurate diagnoses. In addition, the encoder used for IAS measurement is not only cheaper, but also
does not need periodic calibration. This allows for the accurate comparison of measurements in different
periods and different IAS sensors. For these merits, IAS measurement-based monitoring has studied widely in
recent years [17].

Therefore, this paper develops a mathematical model for a two-stage reciprocating compressor to
simulate different operations including normal and faulty compressor conditions. It models the
working process with a number of non-linear, coupled with differential equations describing the crank
mechanism, valve movement, and discharge processes for both the low- and high-pressure
compressor cylinders. Simulations are then conducted under different operating and fault conditions
including the effects of load change due to change in discharge pressure, and valve faults such as
leaking valves. To identify the fault features from both cylinder pressures and crankshaft IAS the simulated
and measured results are represented in the angular domain so that they can be explored in association with
the typical events in a compressor working cycle. In addition, a test system is also developed to evaluate the
model and the simulated results through waveform comparisons between the measured and the predicted
pressures and IAS.

2. Dynamic modelling of a two-stage reciprocating compressor

A reciprocating compressor driven by an electric motor converts electric energy into potential energy of the
compressed air through the reciprocation motion of a piston in. The working of the compressor thus consists
of three different physical processes: an electromagnetic process for the electrical torque generation; a
mechanical process for the dynamic movement of the crank shaft, piston and valve; and a fluid flow process
for the pressure build up in the cylinders and air flow through the valve. The modelling of the compressor,
therefore, focuses on these three processes, respectively.

2.1. Mechanical motion

Based on the construction and working process, a two-stage reciprocating compressor can be represented as
in Fig. 1. It consists of three parts: an electric motor, a compressor unit and the compressed air storage tank.
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Fig. 1. Schematic and models of a two-stage compressor.
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The compressor unit includes a low-pressure cylinder assembly, a high-pressure cylinder assembly, a
crankshaft, a belt and a driving motor. The two pistons are driven by the torque of the crankshaft in a
reciprocating motion, via a connecting rod of length l. The operating cycle is considered to commence at Top
Dead Centre (TDC) of the piston in the low-pressure cylinder. From the 901 Vee-construction of the
compressor, the high-pressure cylinder leads to the low-pressure cylinder by p/2. This phase difference is taken
account into the equations applying to the high-pressure cylinder.

According to this simplified model, the torque balance equation of the crankshaft is

J _oðtÞ ¼ TmðtÞ � TpmLH
ðtÞ � Tf LH

ðtÞ, (1)

where the subscripts c, i, d refer to the cylinder, inlet and discharge, respectively, the lower subscripts LH

means that the expression is valid for both the low- and high-pressure cylinders, which are also referred to as
the first and second stage, respectively. J is the moment of inertia of the power unit (consisting of the
reciprocating parts, rotating parts of the compressor, an electric motor rotor and a power transmission shaft
or a belt connected to the motor and compressor). Tm(t) is the driving torque from the electric motor.
TpmLH

ðtÞ ¼ TpmL
þ TpmH

is the resultant torque due to the air pressure inside the cylinders and the
reciprocating inertial force of the pistons, the connecting rods for both the first and second stages. Tf LH

ðtÞ is
the frictional torque for the whole machine.

For either the low- or high-pressure stage, it can be shown that the resultant torque due to the air pressure
inside the cylinder and the inertial force of the piston and the connecting rod is [11]

Tpm ¼ ðf p þ f mÞr, (2)

where fp is the tangential force produced by the air pressure in the cylinder, fm is the tangential force produced
by the inertia of the reciprocating mass; and r is the radius of the crank. The tangential force produced by the
air pressure in a cylinder can be obtained by

f p ¼ pcsc sin yþ cos y
ðr=lÞ sin yffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

1� ðr=lÞ2 sin2 y
q

0
B@

1
CA, (3)

where pc is the pressure in cylinder, sc ¼ 0.25pd2 is the cross-sectional area of the cylinder and d is
the bore diameter of the cylinder. The tangential force produced by the vertical inertial force for both
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cylinders becomes

f m ¼ �mrec €xp sin yþ cos y
ðr=lÞ sin yffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

1� ðr=lÞ2 sin2 y
q

0
B@

1
CA. (4)

The reciprocating mass of both stages mrec is calculated from the following equation:

mrec ¼ mp þ 0:5mcr, (5)

where mp is the piston mass and mcr is the equivalent reciprocating mass of the connecting rod. The piston
acceleration €xp can be obtained based on the dynamics of piston motion. Taking the TDC as the reference
position, as shown in Fig. 1, the displacement of the piston in the cylinder is

xp ¼ x0 þ rð1� r cos yÞ þ l 1�

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1� ðr=lÞ2 sin2 y

q� �
, (6)

where x0 is the clearance distance between the piston and the cylinder head at TDC. The velocity and
acceleration of the pistons can be obtained by differentiating with respect to time:

_xp ¼ or sin yð1þ r=l cos yÞ=
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1� ðr=lÞ2 sin2 y

q
. (7)

Since the squared term ðr=lÞ2sin2 y51, the acceleration can then be simplified as

€xp ¼ o2rðcos yþ r=l cos 2yÞ. (8)

2.2. Speed– torque characteristics of an induction motor

The speed–torque characteristics of an induction motor can be obtained through a complicated model
describing the electromagnetic relationship between the stator and the rotor. For computational efficiency but
incorporating the dynamic effect during the steady-state operation, a linear approximation around the rating
points of the motor is introduced to describe the relationship between the motor speed and its output torque.
Ignoring the elastic deformation of the belt, the motor torque applied to the shaft can be modelled as

Tm ¼ Trð1� kðor � DorÞÞ, (9)

where Tr and or are the average torque and speed of the crank shaft, respectively, which relate to the rating
torque and speed of the motor by considering the transmission ratio Br i.e.

Tr ¼
Pe

oe

Br, (10)

or ¼
oe

Br

, (11)

where Pe and oe in Eqs. (10) and (11) are the rating power and speed of the motor, respectively.
The parameters k and Dor reflect the degree of speed fluctuation of the crankshaft and hence the possible torque

fluctuation. For the motor used in this study, they were determined by measuring the speed variation of the motor
with the tank pressure. At a high tank pressure, the motor is loaded with a high torque and hence runs at a slightly
lower speed. While at a low tank pressure, the motor runs at a slightly higher speed. Based on this and the
measurements, the speed change rate with load was estimated around the rating operating condition.

2.3. Cylinder pressure

Assuming that the process is isentropic and air is of ideal gas, the equation for the cylinder pressure pcLH
can

be derived from the first law of thermodynamics [4] as

_pcLH
¼

1

vcLH

c2iLH
_mviLH
� c2cLH

_mvdLH
� gpcLH

_vcLH

h i
, (12)
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where the variable cylinder volume vcLH
can be determined by the clearance volume and piston motion:

vcLH
¼ vcoLH

þ scLH
xpLH

, (13)

_mviLH
and _mvdLH

are the mass flow rates through the inlet and discharge valves, respectively. g ¼ 1.4 is the ratio
of specific heats. c2iLH

¼ gRTiLH
is the squared speed of sound in the inlet plenum, and c2cLH

¼ gRTcLH
is the

squared speed of sound in the cylinder. vcoLH
is the clearance volume, R is the gas constant for air, and DLH is

the cylinder diameter.
If the gas is assumed to undergo an isentropic process, there is no heat transfer to the surroundings. As a

result, the temperature must be variable at different stages of the compression process, which can be
calculated:

TcLH
¼ TiLH

pcLH

piLH

� �ðg�1Þ=g
, (14)

where pcLH
is the cylinder pressure, piLH

the inlet pressure, and TiLH
the average absolute temperature of the

inlet air (i.e. the atmospheric temperature for the low-pressure stage). The change rate of the cylinder volume
vcLH

can be determined using geometric parameters and the velocity of piston:

_vcLH
¼ spLH

_xpLH
. (15)
2.4. Mass flow through valves

The mass flow rate _mvdLH
through the discharge valve is modelled as incompressible flow through an orifice:

_mvdLH
¼ bdLH

CddLH
AfdLH

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2rcLH

pdLH
� pcLH

�� ��q
, (16)

where bdLH
¼ signðpdLH

� pcLH
Þ is the flow direction parameter: +1 for normal flow from cylinder to discharge

passage while �1 for possible backflow from discharge passage to the cylinder, pdLH
is the pressure in the

discharge plenum, AfdLH
is the maximum flow area of the discharge valve, CddLH

is a variable discharge
coefficient which accounts for the reduced flow area resulting from the separated flows and changes with the
valve lift according to [12], and rcLH

¼ rref ðpcLH
=pref Þ

1=g is the density of the air in the cylinder, which is derived
from isentropic flow.

In the same way, the mass flow rate through the inlet valve can be expressed as

_mviLH
¼ biLH

CdiLH
AfiLH

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2rcLH

piLH
� pcLH

�� ��q
, (17)

where each symbol means the same as that of Eq. (16) but for the discharge valve rather than the inlet valve.

2.5. Valve motion

Each cylinder has two valves: inlet and discharge. These two valves have similar construction and can be
modelled as a non-linear vibration impact system [2,5,13], as illustrated in Fig. 2.

Driven by the force due to the gas pressure, the valve plate goes through a sequence of events: the opening
of the valve, the impact between the valve and the upper seat, the closing of the valve, and the impact between
the valve and the lower seat. The equation of motion for inlet valves are in the opening and closing of the
valve, when 0pxvsoxvs max, is

mvsLH
€xvsLH
þ csLH

_xvsLH
þ kvsLH

xvsLH
¼ Sf vsLH

. (18)

When the valve plate comes into contact with the valve seats (the valve is totally open or totally closed),
0pxvLH

or xvLH
Xxvs max, impacts occur and can be described by

mvsLH
€xvsLH
þ csLH

_xvslh
þ kvsLH

xvsLH
þ ccsLH

_xvslh
þ kcsLH

xvsLH
¼ Sf vsLH

, (19)
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where €xvsLH
, _xvsLH

, and xvsLH
are the valve plate acceleration, velocity and displacement, respectively, mvsLH

is
the equivalent mass of the inlet valve plate, csLH

is the damping coefficient, kvsLH
is the non-linear spring

stiffness while the valve moves between the valve seats, kcsLH
is the contact stiffness between seat and valve

plate for both stages, ccsLH
is the contact damping coefficient, and Sf vsLH

is the resultant force acting on the
valve plate.

The equivalent mass is the valve plate mass plus one-third of the mass of the valve spring:

mvsLH
¼ mplate þ

1
3
mspring. (20)

The damping coefficient is calculated by

csLH
¼ 2x

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
kvsLH

mvsLH

p
, (21)

where x is the damping ratio of the valve unit and can be estimated by observing the oscillations of the cylinder
pressure measured.

The resultant force on the valve is from three forces: weight of valve wsvLH
, the preset spring force f svoLH

and
the force due to pressure difference between each side of the valve cf ssvLH

ðpiLH
� pcLH

Þ, and is calculated by

Sf vsLH
¼ �wsvLH

þ f svoLH
� cf ssvLH

ðpiLH
� pcLH

Þ, (22)

where cf is a force coefficient changing with the valve’s lift, to take account of the pressure drop across the
valve [14,15], ssvLH

is the slot area for a single channel, pcLH
is the cylinder pressure, and piLH

is the pressure in
the respective inlet plenum.

Similarly, the equation of motion of the discharge valve can be obtained in the same form as Eqs. (18)
and (19).

2.6. Implementation of the simulation

To explore the relationship between different process parameters for condition monitoring, a simulation
program has been developed in MATLAB to solve the equations numerically. The core part of the program is
to solve the differential equations. In this study, an explicit Runge–Kutta formula was used in solving the
equations and the desired accuracy was controlled by adjusting the step size and the error parameters through
the routine provided in MATLAB.

The equations solved include Eq. (1) to obtain the instantaneous angular speed of the crank shaft; two sets
of Eq. (12) to obtain the instantaneous pressures in both the low-pressure cylinder and the high-pressures
cylinder; and four sets of Eq. (18) to get the valve motion of the inlet and discharge processes at both the low-
and high-pressure stages. All the solutions are represented in the time domain or angular domain. By
investigating the variations of the time domain waveforms between different operating conditions, including
the abnormal typical fault conditions, representative monitoring features are developed. These features are
easier to interpret using common engineering knowledge, compared with interpretation of features commonly
used in the frequency domain.
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For the solution of the equations, the TDC of the low-pressure stage is taken as the initial point. The initial
conditions including the crankshaft speed, cylinder pressures and valve displacement are set to be the nominal
values estimated based the TDC positions. In particular, the initial pressure value for the low-pressure stage is
near to its maximum while it should be the minimum for the high-pressure stage. In this way the solving
process has small transient errors and converges to the required accuracy quickly.

In addition, the damping ratio for valve system and the moment of crankshaft inertia are tuned to more
accurate values through a number of trial simulations. These parameters are difficult to be measured
accurately because the complexity of the construction and possible vortex flow in the valve chamber. By
combining the predicted pressure waveforms and the IAS waveform with their measured counterparts, these
parameters are adjusted so that the predictions agree to the measurements as closely as possible.
3. Experimental system

A Broom–Wade (Model TS9) reciprocating air compressor was used for the simulation and experimental
study. The compressor consists of a two-stage air intensifier with an air-cooling system as shown in Fig. 3.
A three-phase induction motor drives the compressor to run at a speed of 425 rpm [17]. The details of the
system are provided in Appendix A.

For the experimental study, the compressor is fully instrumented with several different sensors and a
measurement system. An optical shaft encoder is attached to the crankshaft, shown in Fig. 3 for the IAS
measurement and the indication of the TDC of the lower pressure stage. Two pressure transducers are
mounted into the first and the second cylinder, respectively, to measure the cylinder pressure waveforms. In
addition, two accelerometers and two microphones are also used to get the vibrations and acoustics for vibro-
acoustic-based monitoring study, which is not covered in this paper.

The measurement system shown in Fig. 4 is comprised of a high-performance ADC (16 channel, 400 kHz
sampling rate and 16 bit data resolution) device and a PC. The software on the PC controls the data
acquisition process to acquire data at the specified discharge pressure values: 0.27, 0.54, and 0.82MPa, and the
defined angular positions. During the tests, the system measures continuously the static discharge pressure in
the storage tank and the temperatures of the cylinder block. When the tank pressure reaches a predefined
value the measurement system triggers the dynamic data acquisition to record the cylinder pressure and IAS
data for a segment of 1.2 s. In this way the data acquisition is fully automated, which guarantees the
alignments of each data segment and hence allows subsequent comparative studies to be made accurately
between different tests.

The IAS data acquired from the shaft encoder is a train of square waves modulated by variations in the
speed signal. To obtain the IAS waveform of interest, an FFT-based algorithm [16–18] is used to demodulate
the waveform from the square wave train. Comparing with the conventional pulse counting method for IAS
Fig. 3. Two-stage reciprocating compressor.
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extraction, this algorithm provides a higher accuracy in IAS estimation. As the changes of IAS variations in
the reciprocating compressor is small, particularly when it is running under small fault conditions, the high
accuracy allows a better differentiation to be achieved for fault detection and diagnosis.

4. Model evaluation

To evaluate the developed model, both the measured and predicted results are presented for a complete
work cycle in the angular domain. It allows a direct comparison of the results to be made over the compressor
operating processes: suction, compression, discharge and expansion. The cylinder pressures and crankshaft
IAS are focused on in the comparison, as they are the major parameters describing the dynamics of a
compressor.

4.1. Comparison of measured and predicted cylinder pressures

Fig. 5 shows the measured and predicted cylinder pressure for both stages. For the low-pressure stage, both
the predicted and measured pressure waveforms, Fig. 5(a) shows the four working processes clearly. A rapid
drop in cylinder pressure during re-expansion can be seen in the angular range from 01 to 221 as the piston
moves down the cylinder. When the cylinder pressure drops sufficiently below that of the inlet manifold
(0.1MPa), the inlet valve opens and air enters the cylinder during the suction process, which lasts from 221 to
1901. After bottom dead centre, the air inside the cylinder is compressed as the piston moves upwards,
producing a rapid pressure rise in the cylinder. When the cylinder pressure exceeds that of the discharge
manifold by a sufficient amount, the discharge valve opens and the cylinder discharges, this process occurs
from around 270–3601. Following this a new operating cycle starts.

The high-pressure stage also works following the four processes above, but each corresponding process
occurs 901 earlier in terms of crank position. This shift leads to the high-pressure cylinder suction process lying
just within the discharge process of the low-pressure stage. In such a way, the high-pressure cylinder can be
fully charged at a higher pressure than would otherwise be possible. The combined effects of the two stages
produce a large pressure increase as shown by the pressure amplitude of the final discharge in Fig. 5(b).

Comparing the measured and predicted pressures, the simulated results are found to be good agreement
with the test results for both the low and high-pressure cylinders. This confirms that the pressure model is
reliable and the parameters are tuned to the appropriate values. Admittedly, the measured pressure traces
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Fig. 5. Comparison of experimental and predicted pressure signals: (a) low-pressure cylinder; (b) high-pressure cylinder at discharge

pressure 0.82MPa.
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show slight oscillations, particularly in the high-pressure cylinder, and these are likely due to the combined
influences of valve flutter and resonance of the valve chamber. Because the oscillation amplitude is relatively
small, such effects will have little influence on the IAS results.

4.2. Comparison between measured and predicted IAS

Figs. 6(a) illustrates the predicted waveform of IAS over a compressor cycle under three the discharge
pressures: 0.27, 0.54, and 0.82MPa. It can firstly be seen that the amplitude of the IAS fluctuates over the
operating cycle. It can be seen to have higher amplitude in the first-half of the crank turn when the cylinder
pressures of both stages have the lower amplitudes and the load to the motor is lower, while its amplitudes
becomes lower in the second-half of the crank turn when the cylinder pressures are higher and motor load is
higher. Especially, the IAS amplitude has two different dips corresponding to the two high-pressure regions
respective to the discharge processes of the high-pressure stage and the low-pressures stage. This fluctuation
demonstrates that IAS is sensitive to the in-cylinder pressure changes.

More importantly the fluctuation of IAS also varies significantly with discharge pressure. The greater the
discharge pressure the more work is done by the piston in compressing the air and hence the lower the IAS
amplitude. As shown in Fig. 6, for a 0.82MPa discharge pressure the minimum IAS is 423 rpm, which is
11 rpm lower than that of 0.27MPa discharge pressure.

Compared with the measured results shown in Fig. 7, the predicted results for both the pressures and the
IAS show good consistency over different discharge conditions. This shows that this model is valid for a wide
range of operating conditions and can be relied upon for fault simulation study.

5. Valve leakage detection

Leaking valves are the most common fault in reciprocating compressors. Especially, at high-pressure stages,
both the inlet and discharge valves are exposed to high-speed flow, high temperature and high vibro-impacts.
These harsh working conditions often result in non-uniform wear of the sealing surfaces between the valve
plate and its seat, eventually causing leakage. The leakage permits high-temperature air to be forced across the
valve surface by differential pressure, which further accelerates the deterioration of the valve system (including
the valve spring) and reduces compressor efficiency considerably.
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5.1. Leakage modelling

Assuming there is an additional flow passage across the valve, the leakage can be simulated by drilling small
hole in the valve plate. In this study a 0.8mm diameter hole was created in the valve plate to simulate a small
degree of leakage (referred to as Leak 1). As a case of larger leakage, a 1.6mm diameter hole (refereed to as
Leak 2) was created. Both of the leakage cases were introduced into the high-pressure stage where the valve
works under much harsher conditions.

To take the leakage into account in the simulation process, it was modelled as an additional flow through an
orifice in parallel to the normal valve flow. Specifically, the cylinder pressure in Eq. (12) was modified to
include two additional mass flow terms: _miLLH

and _mdLLH
for considering the leakages through the inlet valve

and the discharge valve, respectively, i.e.

_pcLH
¼

1

vcLH

c2iLH
_mviLH
� c2cLH

_mvdLH
� gpcLH

_vcLH
� c2iLH

_miLLH
� c2cLH

_mdLLH

h i
. (23)

The mass flow rate of discharge leakage _mdLLH
can be calculated based on Eq. (16) by

_mdLLH
¼ bdLLH

CddLH
AdL

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2rcLH

pdLH
� pcLH

�� ��q
, (24)

where AdL is the leakage flow area of the discharge valve, bdLLH
¼ signðpdLH

� pcLH
Þ is the flow direction

parameter: +1 for the leakage flow from the cylinder to discharge passage while �1 for leakage flow from the
discharge passage back to the cylinder.
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waveform.
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The mass flow rate through inlet valve leakage _miLLH
can then be calculated based on Eq. (12) by

_miLLH
¼ biLLH

CdiLH
AiL

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2rcLH

piLH
� pcLH

�� ��q
, (25)

where AiL is the leakage flow area for the inlet valve, biLLH
¼ signðpiLH

� pcLH
Þ is the leakage direction parameter: +1

for the leakage flow from the cylinder to the inlet passage while �1 for leakage flow from the inlet to the cylinder.

5.2. Suction valve leakage

Fig. 8 shows the predicted results for the suction (inlet) valve leakages. Although the leakage occurs at the
high-pressure stage only, the pressure waveform change occurs in both stages. In the high-pressure stage, a
large deviation of the waveform is in the expansion process, corresponding to a crank angle range from 2601 to
2901, as shown in Fig. 8(c). This deviation is due to back flow through the inlet leakage hole. A larger leakage
causes the expansion process to occur earlier and consequently introduces a larger loss of discharge efficiency.
On the other hand, the back flow also makes the pressure inside the inlet passage higher than normal. This
pressure increase results in two effects: firstly, a higher inlet pressure during the suction process at the high-
pressure stage and secondly an increased discharge pressure for the low-pressure cylinder, corresponding to a
crank angle range from 2851 to 3601 shown in Fig. 8(b).

The effects of the pressure changes can be also observed in the IAS waveforms. As shown Fig. 8(a), the
major changes are in the crank angle range from 2851 to 3401. Because of the pressure increases during the
discharge process at the low-pressure stage and during the suction process at the high-pressure stage, the IAS
shows decreases in these angular positions.

All the changes in both the pressure and the IAS waveforms can also be seen from the measured results, as
shown in Fig. 9. This means that the suction valve leakages can be detected not only by the pressure
waveforms measured internally, but also by the IAS variations measured externally.
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Fig. 8. Predicted results for suction valve leakage at 2nd stage.

Fig. 9. Measured results for suction valve leakage at 2nd stage.
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Fig. 10. Predicted results for discharge valve leakage at 2nd stage.

Fig. 11. Measured results for discharge valve leakage at 2nd stage.
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5.3. Discharge valve leakage

Fig. 10 shows the predicted results for the discharge valve leakages. Similar to the suction
leakage, the leakage occurs at the high-pressure stage causing pressure waveform changes at both
stages. For the high-pressure stage, a large change occurs in the suction and compression
processes, corresponding to a crank angle range from 01 to 1901, as shown in Fig. 10(c). The
leakage causes cylinder pressure higher than normal and consequently the discharge process occurs much
earlier. These large changes are due to the back flow through the discharge leakage hole. The larger the
leakage size, the greater the leakage back into the cylinder and hence higher pressure in the suction process.
The back flow also makes the pressure inside the inlet passage higher than normal, which leads to a higher
discharge pressure from the low-pressure stage, corresponding to a crank angle range from 2851 to 3601 shown
in Fig. 10(b).

The combined effects of the pressure changes can be also observed on the IAS waveforms. As shown
in Fig. 10(a), a clear change is in the crank angle range from 1501 to 2201. Because of the pressure
increases during the compression process of the high-pressure stage, the IAS shows a decrease in these
angular positions. In addition, the IAS in the crank angle range from 2851 to 3401 also becomes lower,
which is similar to the changes in the case of inlet valve leakage due to the increase in the inlet
pressure.

Test results from discharge leakage in Fig. 11 show the similar features of pressure and IAS changes
revealed from the simulation results. This confirms that that the discharge valve leakages can be detected by
both the pressure waveforms and the IAS fluctuation.

Furthermore, the two different leakages can be discriminated by the differences in the waveform changes.
From the pressure measurements, the earlier occurrence of the expansion process can be used to detect the
inlet leakage while the earlier occurrence of compression can be used for the detection of discharge leakage. In
addition, the decrease in IAS around the crank angle 3001 is the major symptom for inlet leakage and the
decrease around 2001 is for discharge leakage.
6. Conclusions

Numerical simulation and experimental study have demonstrated that IAS and cylinder pressure waveforms
are capable of characterising compressor operation at different discharge pressures and under different fault
conditions. Based upon these approaches fault detection methodologies can be developed for monitoring
reciprocating compressors.

The mathematical model of the two-stage reciprocating compressor has been developed and evaluated by
experimental results over a range of operating conditions. The close match between the predicted and
measured cylinder pressure, crankshaft IAS and valve movements show that the model is reliable and
accurate.

Fault simulation study shows that both the fluctuations in crankshaft IAS and cylinder pressure waveforms
can be used for the detection and identification of different valve faults such as leakage in the suction and
discharge plates. The pressure measurements produce a clear detection feature but it is intrusive measurement
and difficult to implement. Although IAS features are not as significantly clear as those of pressure, it is of
direct relevance in condition monitoring because it can be obtained non-intrusively.
Appendix A. Parameters and physical constants

A three-phase induction motor drives the compressor to run at a speed of 425 rpm [17]. The details of the
system are provided in Tables A1 and A2.
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Table A1

Parametric values of the TS9-16 compressor and valve systems

Compressor

Number of cylinders 2 (901 Vee)

Compressor crank speed (rpm) 425

Motor speed (rpm) 1450

Motor power (kW) 2.24

Tank capacity (l) 272

Piston stroke (mm) 76.2

Connecting rod length and mass (mm and kg) 171.6 and 1.8

Connecting rod length and mass (mm and kg) 171.6 and 0.9

Crank radius (mm) 38.1

Piston diameter mass, low pressure (mm and kg) 93.6 and 1.78

Piston diameter and mass, high pressure (mm and kg) 55.5 and 0.89

Transmission ratio 3.1

Moment of inertia J (kgm2) 0.41

Valve system

Maximum inlet valve lift (mm) 2.2

Maximum discharge valve lift (mm) 2.6

Mass of valve plate, low-pressure cylinder (g) 2.3

Mass of valve plate, high-pressure cylinder (g) 2.1

Mass of valve spring, low-pressure cylinder (g) 1.0

Mass of valve spring, high pressure cylinder (g) 2.0

Outer radius valve plate, low-pressure cylinder (mm) 21.0

Outer radius valve plate, high-pressure cylinder (mm) 14.0

Discharge valve spring stiffness (N/m) 12,000

Inlet valve spring stiffness (N/m) 10,000

Equivalent contact spring stiffness (N/m) 107

Inner radius valve plate, low-pressure cylinder (mm) 12.5

Inner radius valve plate, high-pressure cylinder (mm) 10.5

Table A2

Air parameters

Air parameters Low-pressure cylinder High-pressure cylinder

Specific heat 1.4 1.4

Universal gas constant (J/kgK) 286.9 286.9

Air density (kg/m3) 1.205 Variable

Inlet pressure (MPa) 0.10 Variable

Discharge pressure (MPa) Variable 0.82

Inlet temperature (1C) 21 Variable

Discharge temperature (1C) Variable 80
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